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Abstract

Entry flow heat transfer experiments are reported in steady and pulsating flows of air at mean Reynolds numbers of 3000-35,000.
The ducts are chosen to match typical spark-ignition engine manifolds: a highly curved and a straight pipe, which together bracket
most practical geometries. The pulsating engine intake flow encompasses an approximate half sine wave followed by a stagnant
phase three times as long, all at a repetition rate of 16-50 Hz. Heat flow is imposed through electric heating of the outsides of
the manifolds. Heat transfer in the curved pipe is closely comparable to the straight geometry, and it is concluded that entrance
effects dominate. Time-averaged axially resolved and axially averaged Nusselt numbers are reported. The unsteady nature of the
intake flow enhances heat transfer significantly, between 50% and 100%. Time-resolved wall heat flux measurements at a location
close to the exit of the system show that heat transfer is delayed relative to the onset of the flow. During the stagnant flow phase,
heat transfer and turbulence decay slowly from their high levels during the induction flow phase. Heat transfer enhancement in the
pulsating flow case is caused by the contribution of the stagnant phase. © 1998 Elsevier Science Inc. All rights reserved.
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Notation P pressure
. P perimeter
a fitting parameter Pr Prandtl number v/x
4 area, amplitude ratio p heat flux
A after . . . R half the hydraulic diameter; heat flow resistance
AC alternate current, generalized to time-varying com- Re Reynolds number UD/ v
ponent of heat flux signal rpm engine crankshaft rotational speed (I/min)
h fitting parameter ) engine stroke length
B before . Sr Strouhal number wD/U
BC piston bottom center position f time
¢ fitting parameter T temperature
< specific heat at constant pressure TC piston top center position
d fitting parameter 7. time-mean friction velocity
D hydraulic diameter U velocity
DC direct current, generalized to mean component of \ axial position
heat flux signal » distance from wall
Dn Dean number Re R/Ryin.
e fitting parameter
h heat transfer coefficient (W/m?-K) Greek
k thermal conductivity (W/m-K) y variable
L ]t‘?ngth q ¥ ratio of specific heats -
2 ime mean mass flow 5 ; /2
! ! ] Stokes layer thickness (2v/w
MAP  intake manifold absolute pressure (temporal average) A incremenf (2v/e)
(bar) A Stokes number R/d
Nu Nusselt number 2D/k i dynamic viscosity (kg/m-s)
v kinematic viscosity (m?/s)
— P density
) Corresponding author. Tel.: +1 617 253 1792 fax: +1 617 253 9453; P phase angle
e-mail: wolf@mit.edu. 0} angular frequency
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Subscripts

hyd hydraulic

i index

J index

k wave number

{ turbulent

X axially resolved

o Stokes layer

+ inner variable, turbulence
Superscripts

! per unit length
" per unit area

Overscores

) time-varying component
axial or temporal average
per unit time

1. Introduction

This study concerns itself with the heat transfer of a pulsat-
ing entry flow into curved and straight pipes. Among other ap-
plications, such flows occur in the intake system of internal
combustion engines and in the corresponding components of
compressors. Heat transfer in the intake system is detrimental,
because it lowers the breathing efficiency. For internal combus-
tion engines, an additional interest arises: increased charge
temperature causes higher chemical reaction rates leading to
increased nitric oxide emissions and less tolerance to engine
knock. Various features of the system investigated may influ-
ence heat transfer rates: entrance effects, pipe curvature, the
unsteady flow, and pressure fluctuations. These have been in-
vestigated individually by many researchers.

Boelter et al. (1948) and Mills (1962) investigated entrance
flows into straight pipes. Boelter controlled the wall tempera-
ture, while Mills imposed the wall heat flux. Otherwise, both
experiments shared many features. Such entrance configura-
tions as sharp edge, bellmouth, bend, and orifice plate were in-
vestigated. They found an approximate doubling of heal
transfer close to the entrance, which then relaxed to the fully
developed values for locations 10 or more pipe diameters
downstream.

Curvature induces secondary flow patterns with the poten-
tial to increase heat transfer rates. Pratt (1947) and Schmidt
(1967) correlated heat transfer as a function of the Dean num-
ber Dn == ReR/R,i,.. where Re is the Reynolds number, R is
half of the (hydraulic) diameter, and Ry, 1s the pipe radius
of curvature. Extrapolating their correlations for steady. fully
developed flow to a lower value of R/R ., as employed here,
suggests that twice as much heat is transferred in a typical
curved manifold pipe, as compared to a straight duct.

The temporal velocity distribution in the intake manifold
runner of a four-stroke internal combustion engine is imposed
by the intake valve timing and the piston velocity (a manifold
runner is a single pipe connecting the manifold plenum to a
cylinder). In an idealized cycle, the intake valve opens at a
top center position of the piston for the duration of one down
stroke, the induction stroke. While the intake valve is closed.
the cycle continues for the duration of three strokes - compres-
sion, expansion, and exhaust. In total, the cycle corresponds to
720 crank angle positions or two revolutions of the crankshaft.
During the induction stroke, piston velocity resembles a half
sine wave with peak velocity approximately 1.6 times larger
than the mean velocity, where Upigey = 2 x § x rpm/60. and
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S is the stroke length. Continuity imposes the flow velocities
in the intake manifold runner: Ugyq = Upiston A pision /Aauer. 1t fOl-
lows that the peak and the mean flow velocity in the intake sys-
tem are at a fixed ratio, and both scale with engine speed.
Changes in mean mass flow rate (or mean Reynolds number)
at a given engine speed are achieved by throttling the intake
air. A typical volume of an intake manifold runner approxi-
mately equals the displacement volume of one engine cvlinder.
Hence. a manifold runner fills with fresh air over one induction
process. The impact of acoustic phenomena is considered mod-
erate and discussed separately.

Heat transfer in pulsating flow depends on variables de-
scribing the steady and unsteady components. For a constant
Prandt! number, fluid dimensional analysis yields Nu = f(U.
U.R, . v, wavelorm variables). T is the time- mean velocity,
U the amplitude of the oscillating velocity component, R the
(hydraulic) pipe diameter, « the oscillation frequency. v the ki-
nematic viscosity, and the waveform variables describe the ve-
locity profile over one cycle. Most researchers choose the time-
mean Reynolds number as one nondimensional group. Less
agreement is found as to which is the most meaningful non-
dimensionalization of the frequency. Based on dimensional ar-
guments, Arpaci et al. (1993) urrived at a correlation in
St = wD/U and 4 = U/U. They report heat transfer enhance-
ment beyond a critical frequency e Which is independent
of 4 (4 ranged from small values up to about three). In anal-
ogy to the amplification or attenuation of turbulent bursting
phenomena as a function of the flow pulsation frequency. Liao
and Wang (1988) hypothesized a heat transfer rate dependency
on Sr; = wD/ui.. Because this group includes the mean fric-
tion velocity, it seems most applicable to flows where turbu-
lence production sustains throughout the cycle. This is most
likely to be true in flows with significant mean velocities
(I = U) and time mean Reynolds numbers larger than the
critical value for steady turbulent flow. Liao and Wang catego-
rized literature data according to their Sry, values and found
that heat transfer actually decreases for the intermediate range
of the frequency parameter (in which their data lay). For large
Srz. > 1.38Re"™'*, Liao and Wang hypothesized that heat
transfer increases over the corresponding quasisteady values.
Condie and McEligot (1995) assumed that heat transfer is af-
fected in a similar way by frequency as is the wall shear stress
modulation. They postulate the importance of the group
. = ov/Ti*. Their experiments fell in the high frequency range
of w, > 0.08, and they found very strong heat transfer en-
hancement over steady flow cases.

Most of the above researchers employed sinusoidal velocity
fluctuations. However, the nondimensional frequency vari-
ables should still give indication whether heat transfer en-
hancement can be expected for the present flow conliguration.
Present values are estimated to be less than 0.01 of the critical
value of o_ given by Condie and McEligot (1995) and approx-
imately twice the suggested critical value of Sty by Liao and
Wang (1988). Insertion of the expected parameter range into
the correlation of Arpaci et al. (1993) indicates a heat transfer
enhancement by a lactor of two. Thus. it is uncertain i and to
what extent heat transfer enhancement is to be expected. The
current flow goes through a zero flow phase and resembles a
reciprocating flow in that respect. The fluid mechanics of such
flows have been investigated by a number of researchers. The
occurrence of turbulence and relaminarization are expected
to play an important role. Two groups were found to be im-
portant for characterization: the Stokes number A = R/3 and
Re,. where d = (2\'/(»)] ~ is the Stokes layer thickness, and
Re, is based on the amplitude of the velocity fluctuation. How-
cver. to the knowledge of the authors, no correlations are
available relating these parameters to heat transfer rates. The
following paragraph reviews time-resolved fluid mechanics
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and heat transfer results. In a separate section below, these are
compared to time-resolved heat flux and velocity measure-
ments from the system under investigation.

In reciprocating flows with large A, turbulence will appear
during part of the cycle. Researchers consistently found a tran-
sition criterion of Res 2 500; e.g., Akhavan et al. (1991), who
report that transition occurs late during the acceleration phase,
with turbulence production persisting throughout the subse-
quent deceleration phase. Wall shear stresses in the turbulent
part of the main flow phase are close to quasisteady values.
Departure of the radial velocity profile from the laminar solu-
tion is especially apparent at the time of flow reversal. A lam-
inar solution would exhibit regions of both positive and
negative flow in the axial direction. These are no longer ob-
served in the turbulent case because of stronger radial momen-
tum exchange. Early flow acceleration prior to the onset of
turbulence production then resembles a laminar start-up solu-
tion rather than a fully developed laminar oscillatory flow. The
present case differs in that flow deceleration is followed by a
stagnant phase, where one expects the transient growth of a
shear free turbulent boundary layer. Malan and Johnston
(1993) investigated heat transfer during the growth phase of
such a boundary layer by direct numerical simulation. Their
results showed that heat transfer enhancement is negligible
during the initial growth phase and approximately approaches
an asymptotic value for longer times. This increase in heat
transfer rate ranged from 0.2 to 0.55 for initial turbulent Rey-
nolds numbers (Re,) of 60-380, respectively. For the present
study, Re, values of that order are expected. Accordingly. heat
transfer during the stagnant portion of the flow should be ele-
vated over purely diffusive heat transfer.

Practical intake flows also exhibit acoustic phenomena.
However, their effect on convection velocities are limited. be-
cause the acoustic time scale (the frequency of a wave in a pipe
of Jength 40 cm with an open and closed end is approximately
200 Hz) is faster than the time scale of the main flow (25 Hz).
Hence, little impact on convective heat transfer can be expect-
ed. However, the pressure waves also cause temperature fluctu-
ations even within the thermal boundary layers, which in turn
induce heat fluxes. The magnitude and phasing of the heat flux
fluctuations may be estimated by the analytical solution of
Pfriem (1943).

» iy —1o s

g, = (kpcpon) ~——Tpy sin (UJA.[ + ¢, + Z) (1
which is applicable for small sinusoidal pressure fluctuations
with amplitude p,, angular frequency w,, and phase angle
¢ k, p. c,. and y are the thermal conductivity (and the wave
number). density, specific heat at constant pressure, and the ra-
tio of specific heats, respectively, of the gas, and T is the mean
gas temperature. Because the governing equations are linear.
this formula applies for each individual harmonic of a periodic
pressure signal. Although these heat fluxes may be quite signi-
ficant at any given time within the cycle, integration suggests
that their net contribution over one cycle is zero.

Flows that simultaneously exhibit all these features have re-
ceived relatively little attention. Borman and Nishiwaki (1987)
reviewed the treatment of heat transfer in the intake system of
internal combustion engines. They reported that standard pipe
correlations were typically employed. Enhancement factors
based on the intuition of the researchers were included to uc-
count for all of the above effects. The above review indicates
the potential of individual flow features to enhance heat trans-
fer; however. their possible interactions are not known. The re-
view of pulsating flow gave a criterion for the occurrence of
turbulence during parts of the cycle. However, it is not known
when during the cycle this transition takes place. Because of
this ambiguity, steady-state heat transfer correlations cannot

o

be integrated to give the total heat transfer even if it behaved
quasisteadily. Similarly, it can be expected that a diffusive so-
lution with some turbulently enhanced mixing is appropriate
during the stagnant portion of the cycle. However, the initial
conditions are not obvious. Therefore, an experiment is con-
ducted, which, for validation purposes, first aims at reproduc-
ing known results (steady entrance flow in a straight pipe) and
then gradually adds complexity to the flow phenomena (curved
pipe, and pulsating flow).

The experimental technique employed here resembles that
of Condie and McEligot (1995). They determined heat transfer
coefficients in the exhaust manifold of a motored engine mod-
ified to work as a reciprocating pump. Heat fluxes were im-
posed by an electric heater. and heat transfer coeflicients
were inferred from the wall-to-gas temperature difference.
The current work also addresses the intracycle resolution of
heat transfer by means of time-resolved measurements of heat
flux and other relevant quantities.

2. Experimental apparatus

The experiments include both steady and pulsating flows
employing a straight and a curved pipe. The steady flow exper-
iment utilizes a pump to provide airflow. Mounting the mani-
fold on a single-cylinder research engine sets up the pulsating
flow. Table 1 summarizes geometric details and the valve tim-
ing events of the engine. Both pipes have a length of approxi-
mately 35 cm, corresponding to the dimensions of the
manifolds of many production engines. The experimental set-
up employing the straight pipe is shown in Fig. 1, while the
curved manifold is shown separately in Fig. 2. Table 2 lists
their geometric parameters. Electrical resistance heaters 1.5-
m Jong, wrapped at constant pitch along the axijal length of
the pipes, provide heat input. A 3-mm layer of glass cloth
and a 2.5-cm cotton layer provide insulation around the out-
stde. A l-cm thick Teflon gasket insulates the downstream
end of the pipe.

Using either pipe. their entries are connected to a tank in
order to create a boundary condition that suppresses pressure
wave dynamics upstream of that position. The tank has a hole
of radius 1.25 cm larger than the outer radius of the upstream
pipe flange. The flange is inserted into the opening so that it
forms a flush surface with the tank side wall. A 3-mm thick sil-
icone rubber sheet bridges the remaining gap. The sheet’s in-
side diameter is clamped to the pipe flange, while the outer
diameter attaches to the tank. This mounting serves as a ther-
mal and mechanical insulator as well as a vacuum seal. Up-
stream of the tank. a throttle plate is installed to enable
variation of the intake air density for engine experiments. A
second, very large buffer tank is installed upsiream of the
throttle. Upstream of that tank. the mean flow rate is mea-
sured by a laminar flow meter.

Twenty K-type thermocouples measure the pipe wall tem-
perature. They are glued with a thermally conductive adhesive

Table |

Engine data

Stroke. cm 9.0

Bore. cm 8.3
Connecting rod length. cm IS8
Compression ratio 10.14
IVO-0.1 mm hit 4¢ BTC
IVC-0.1 mm lift 56° ABC
EVO-0.1 mm lift -48° BBC
EVC-0.1 mm lift 12° ATC




Top View

rubber sheet ”
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manifold

plenum

intake port

Side View

Fig. 1. Straight manifold mounted to test engine.

A
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Fig. 2. Curved manifold pipe, cross section.

Table 2

Geometric parameters of manifolds

Manifold Straight (cm) Curved (cm)
Hyd. diameter 38 ~4

Length 35 ~35

Wall thickness 0.7 ~0).3
Radius of curvature - 5-25

to the outer surface of the manifold walls in five grouped loca-
tions along the manifold length. Each group consists of four
thermocouples spaced evenly around the circumference,
matching the pitch of the strap heater. Close to the exit, the
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straight pipe is fitted with an access hole for instrumentation,
to accommodate — one at a time — a Vatell heat flux sensor,
a Data Instruments pressure transducer, or TSI hot and cold
wire probes. Adjacently, a thin film heat flux sensor from
RdF Inc. is glued onto the inner surface of the duct. This
square-shaped probe has a side length of 12 mm. The Vatell
probe is a HFM 6 fast response thermopile (10us for 63% re-
sponse to step input) deposited on an aluminium nitrite sub-
strate of approximately 4-mm diameter and 25-mm length.
The DC components of the heat flux measurements reported
here are taken from the RdF probe, while the AC component
is measured with the Vatel] gauge. The signals of both heat flux
probes lead into a Vatell amplifier. The voltage of the Vatell
probe is further amplified by an Analog Devices unit to lift
it well above the discretization floor of the data acquisition sys-
tem. A PC-based data acquisition system logs all signals.

The cold and hot wires are TSI standard units, 1220 PI 2.5
and 1210-20, respectively. The former is used as a resistance
thermometer, calibrated by a line fit to two points: ambient
air and 100°C water vapor. The signal is first-order response
corrected using a time constant of 2 ms. This value is derived
from the energy balance and a standard heat transfer correla-
tion for the wire filament. Below we see that this time constant
matches the measured temperature signal sufficiently close for
adiabatic temperature fluctuations, which is computed from
measured pressure data. The hot wire is operated at constant
temperature using a TSI 1750 unit. This system is calibrated
for velocities higher than 3.5 m/s.

3. Calculation of heat transfer coefficients and error analysis

Heat transfer coefficients are calculated from their defini-
tion as the ratio of heat input per unit area to the gas-to-wall
temperature difference. However, perfect insulation of the
heated pipe along its outside surface cannot be achieved, be-
cause spatial constraints limit the amount of wrapping. Oppor-
tunities to insulate both ends are also restricted by choosing to
mount the pipes to the cylinder head of the test engine in a re-
alistic manner. Finally, significant heat redistribution caused
by axial conduction is encountered as a result of using alumin-
ium pipes of realistic wall thicknesses of 3 mm or more.

The loss and redistribution mechanisms are included into
the energy balance equation used to evaluate the inside surface
heat transfer coeflicient /.,

L d} Twa |
Gheater + k\\ul]A\\'&l” "“_] - hplpcp(r\mll - Tg‘d.\)

dx?
-+ h(!lllsld(‘P[7;’V{i|] - Tdmbicm): (2)

where P is the inside pipe perimeter. The wall temperature is
fitted to a fourth-order polynomial, which allows computation
of the second-order wall temperature derivative. By concur-
rently fitting appropriate wall temperature gradients at the up-
stream and downstream boundarics, conductive losses are
mcorporated into the analysis. In the presence of heat transfer
to the interior, it is not possible to measure the wall tempera-
ture gradients accurately at the boundaries because of strong
axial variation. However, they can be measured when eliminat-
ing this heat transfer mechanism. In both cases, the wall tem-
perature gradients have to satisfy

dT\’\ﬂ”‘ _ Aﬂ];mgc

ku"llIA wall - .
dr |, Ruunges

(3)
where the Ruunge; and ATp.nye, are the heat flow resistances and
temperature differences across the insulations at the upstream
and downstream ends of the pipe (silicone rubber sheet and
Teflon gasket, respectively). Eliminating heat transfer to the in-
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side by blocking the air passage, Eq. (3) can be used to com-
pute the heat flow resistances from the wall temperature gradi-
ents and the temperature differences across the resistances. For
regular operation, the wall temperatures gradients are then
computed from the measured temperature differences and
these resistances. Elimination of the heat transfer to the inside
and the losses at both ends also enable calculation of A,yq..
the heat transfer coefficient to the outside. It is computed
(Eq. (2)) from the heat input and the fitted wall temperature
distribution along the disconnected test section with insulated
ends and blocked inside air passage. Generally, the gas temper-
ature in the pipe can be calculated from the energy balance for
a control volume extending from the pipe entry to the x-posi-
tion in question,

x

mcp{Tgas(x) - Tgas(x(])} = /[Q;,calﬂ - houmch( Twall - Tamblem)J dx

0

+ [kwallAwall (4)

dx
Eq. (2) is evaluated at five axial locations where the resolu-

tion is limited by the number of thermocouples in the axial di-

rection. Axially resolved Nusselt numbers are obtained from

dTwull :‘ '

]

Nu, = h———"“’“f e (5)
in which property values are evaluated at the mean film tem-
perature (arithmetic mean of wall and bulk gas temperature).
A standard linearized error analysis is undertaken employing
the root-mean-sum criterion; e.g., Tse and Morse (1989). The
dominant error source in the axially resolved data stems from
the heat redistribution caused by conduction along the mani-
fold. This is because it is difficult to determine the second de-
rivative of the wall temperature. Its local uncertainty is set to
half the maximum value encountered along the complete axial
length of the manifold. This error bound is chosen based on
the robustness of the second temperature derivative to changes
in the method used to fit the wall temperature.

Correlations are presented for both straight and curved
manifold geometries at steady and pulsed flow. Within each
data group, experimentally determined local Nu, at all five ax-
ial locations and all airflow rates are curve fitted using the local
Reynolds number and an expression in x/Dy,y. Axially aver-
aged Nusselt numbers

L

— 1 ;
Nu ::~-—/Nuydx (6)

are also reported, where the integral is performed using the five
local values for Nu,. The error bounds for this integral are ta-
ken as the mean of the local error bounds except for the con-
duction term. Different treatment is appropriate, because
errors in heat redistribution cancel when axially integrated.
They are replaced by the uncertainty in the conduction losses
at the ends. Uncertainty in any other quantity; e.g., the perim-
eter. tends to be the same over the whole axial extension and,
hence. adds up. Therefore, the following expression is applied
to estimate the uncertainty in the axially averaged Nusselt
number,

. 2 N
— L &ONu L Dyt Awarbwan 1\"
ANuU = 2 Ay =L o walmwel C
u (Z (‘)O(,/ i L ) + (Kg,u\ P(kal“ - Tﬂ‘d»‘) L max

i1

. 1/2
dTquI - 3
%)} ) 7

x=0)

where j is the section index running from one to five, and « de-
notes any quantity entering Eq. (6) other than axial conduction.

4. Time-averaged results

Axially resolved experimental Nusselt numbers are comput-
ed from Eq. (2). In Fig. 3 these are compared to the literature
values for steady flow in the straight duct geometry at a partic-
ular flow rate. The data are shown as multiples of the Nusselt
number for fully developed pipe flow, as given by

Nu = 0.023Re*® . (8)

The present results lie in the range of the previous findings for
similar entrance configurations (note that the smooth bell-
mouth entrance drawing air from an open atmosphere is ex-
pected to exhibit lower heat transfer rates). It is concluded
that the apparatus and data evaluation procedure are adequate
for investigating the other configurations where no literature
data is available.

Data are correlated individually for the straight and the
curved manifold to an expression in terms of Reynolds number
and nondimensional distance from the entrance,

Nu, = aReﬁ[l + cexp (a’Dx )} (9)

hyd

Property values are evaluated at the local arithmetic mean film
temperature (typical gas and wall temperatures are 25°C and
60°C, respectively). The time-averaged axially resolved
Reynolds number is evaluated from Re, = U(x)Dyyq/v(x)
= 4m/{nDpyait{Trm(x)]}, where m is the measured time-mean
mass flow rate. Because of thermal property variations, Re,
typically decreases by 2-3%, along the axial length of the man-
ifold runner. Re is the axially (and temporally) averaged
Reynolds number.

It would be desirable to add a frequency parameter to the
correlation, to allow concurrent correlation of the steady and
pulsating flow data into one expression. However, by utilizing
a reciprocator with fixed stroke length to generate the pulsat-
ing flow, mean flow rate and pulsation frequency are closely re-
lated. As discussed in the Introduction section, flow velocities
are approximately proportional to the frequency, and the
mean to the peak velocity are at a fixed ratio. Only the mass
flow rate is variable at a given engine speed, which is achieved
by throttling the intake flow to lower densities. For both stea-
dy and pulsating flow, data are acquired at Reynolds numbers
of approximately 3000, 8000, 18.000, 36,000. To attain these
mean flow rates in the pulsating flow configuration, engine
speeds are varied between 1000, 2500-2750, and 4500 rpm.

4 T T T T
3.5¢ O Current, wide right angle entrance, Re=36,175 b
X Mills sharp 90 Deg edge entrance, Re=30,770
X Boelter right angle entrance, Re=36,700
3F + Boelter bell mouth entrance, Re=36,500 b
=
£25
=
£
3 2
Z
315
> 1.
Z
1t
0.5
O 1 1 l L
0 2 4 6 8 10
x / D_hyd

Fig. 3. Local Nusselt number divided by fully developed value: present
data for steady flow in straight duct at particular Reynolds number in
comparison to literature data.
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and intake manifold absolute pressures are adjusted to 0.5 and
1.0 bar MAP. Two data pairs exhibit equal mean Reynolds
numbers at different frequencies: Re ~ 8000 is attained both
at 1000 rpm/1.0 bar MAP and 2500 rpm/0.5 bar MAP, and
Re =~ 18,000 is measured for both 2750 rpm/1 bar MAP and
4500 rpm/0.5 bar MAP. Evaluation of candidate frequency pa-
rameters for the correlation is based on half of the engine rpm
and the peak velocity as amplitude. The latter quantity is taken
as U = 1.6 x 4 x U, where U is calculated from the above ex-
pression for Re. The factor of 4 accounts for the fact that flow
is only during one quarter of the cycle, and the factor 1.6 re-
lates the mean velocity over one stroke to the peak velocity.
All frequency parameters reviewed in the Introduction section
show only moderate changes over the given range of experi-
mental conditions: A = 16-49, Re; = 580-2400,
@, =107*-10"%, Sr=0.48-0.71, and Sr;, =7.5-11. (The
time-mean friction velocity is evaluated from the Blasius corre-
lation using the time-averaged flow rate.) The data pairs with
equal mean flow rate but different frequencies exhibit even
smaller changes in frequency parameters, between 10 and
30%. It is concluded that no meaningful correlation with fre-
quency is possible. Therefore, pulsating flow data are correlat-
ed separately from the steady flow data, thereby only
employing the time-mean Reynolds number and axtal distance
as variables. The results show that heat transfer rates are close
for the two paired groups at equal Reynolds number, giving
justification to this approach (see Fig. 4). Note that the impact
of wave dynamics is considered minor and is discussed in Sec-
tion 5.

Table 3 lists the parameters « to d for each correlation
Eqg. (9). The deviation between correlation and data is well
within the error-bars on the data and is not specified individu-
ally. An uncertainty analysis is performed as described above.
The uncertainty is found to be less than 40% for high Reynolds

numbers or near the entrance of the system (see Table 4). Be-
cause some of the loss terms are approximately constant, the
relative uncertainty increases to 50--100% (160% in the worst
case) for low heat transfer rates. These are encountered at
downstream locations with low flow rates. Comparison be-
tween heat transfer rates of the different configurations reduces
the uncertainties, because experimental procedures are kept
the same. Because the findings compare well to literature val-
ues where available, it is assumed that the results are more pre-
cise than suggested by the above uncertainties.

The axially averaged Nusselt numbers (Eq. (6)) are corre-
lated by the following

Nu = ¢Re' (10)

employing axially averaged values of the Reynolds number.
The coefficient e is also given in Table 3. The uncertainty of
the axially averaged data (and correlation) is typically less than
25% (with values up to 40% for the lowest Reynolds number,
see Table 5). Fig. 4 plots the correlations along with the results
of Mills (1962) for a sharp 90° entrance. Mill's data were for a
straight manifold geometry and steady flow; the results for the
corresponding current configuration agree well. Heat transfer
in the curved pipe for steady flow is somewhat higher in com-
parison to the straight pipe, while it approximately doubles be-
cause of the engine intake flow pulsation for all Reynolds
numbers with both manifolds. It is inferred that the entry
and the flow pulsation generally have a stronger effect on heat
transfer rates than the curvature.

The experiments do not show differences in heat transfer
between motored and fired engine operation. Hot backflow
from the cylinder into the intake, as it occurs especially during
engine operation below atmospheric intake manifold pres-
sures, does not reach the manifold test section, because 1t is
sufficiently remote from the intake valve (10-45 c¢cm). For an
engine mounted in a car, heat transfer from the manifold run-
ner to the charge gas also depends on the underhood thermal
environment. Without quantitative knowledge of the heat

10 T . . . . .
transfer mechanism from the outside to the manifold pipe, heat
X curved fpulaed transfer to the cha_rge gas could be assessed jby direct measure-
+ siraight/pulsed ment of the manifold wall temperature. For a hypothetical
; curved/steady . wall temperature equal to a typical engine coolant temperature
* ~:;:|Ts'?::/r§;i?/};teady of 80°C and the engine running at a medium load and speed,
. charge temperature increase in the manifold runner computes
@
Q2
410 ]
p=4 Table 4
Uncertainty associated with axially resolved Nusselt number correla-
tion of Table 3; the larger uncertainties correspond to the lower Rey-
nolds number limits
Manifold/flow Re: 3000-9000 Re: 17.500--35,000
10" . . Entrance (1) Exit (i) Entrance (74) Exit (%)
3 4 5
10 10 10 Straight/stcady <40 160 60 <40 <40
Re Straight/pulsed <40 7550 <40 <40
Fig. 4. Plot of measurements and correlations for local Nusselt num- (:urved/steady 60-40 90 ‘?” <40 <40
ber: steady and pulsating flow in curved and straight duct, comparison Curved/pulsed 60-40 90 -50 <40 <40
to literature value from Mills (1962).
Table §
Table 3 Uncertainty associated with axially averaged Nusselt number correla-
Coeflicients of Nusselt number fit tion of Table 3
Manifold/flow a h ¢ d ¢ Manifold/flow Re: 3000 (»4) Re: 8000--35,000 (%)
Straight/steady (0.043 0.73 29 —0.68 0.062 Straight/steady 50 <25
Straight/pulsed 0.051 0.77 1.95 -0.49 0.072 Straight/pulsed <25 <25
Curved/steady 0.13 0.66 0.69 -1.05 0.14 Curved/steady 40 <25
Curved/pulsed 0.077 0.74 1.0 -0.42 0.10 Curved/pulsed 30 <25
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to 20°C. This approximately corresponds to a 7% reduction in
volumetric efficiency.

5. Time-resolved results

This section investigates the cause for the pulsating-flow
heat transfer enhancement by means of time-resolved measure-
ments of heat fluxes and other quantities. Fig. 5 plots the ab-
solute of the phase-locked ensemble average of the velocity
on the centerline for 2750 rpm/1 bar MAP operating condi-
tion. Absolute values below the calibration limit of 3.5 m/s
are arbitrarily set to zero. Zero crank-angle corresponds to
the bottom dead center position of the piston before the com-
pression stroke. The induction flow is apparent from about 0°
CA (crank angle) to 180° CA. The hump between 180° CA and
240° CA corresponds to a short backflow phase during the ear-
ly part of the compression stroke caused by late intake valve
closing. The smaller amplitude fluctuations are induced by
pressure waves in the intake (most likely with alternating flow
direction for each consecutive half wave).

Turbulence is produced close to the wall in a turbulent
boundary layer, which then diffuses away from the wall. Tur-
bulence measurements are shown in Fig. 5 for a location 2
mm from the wall. (For quasisteady conditions, y, would take
values of 6, 60, and 300 at that location, for U equal to 1, 10,
and 50 m/s, respectively. Peak turbulence intensities are typi-
cally 10% of the bulk velocity very close to the wall and drop
to about 5% for y, = 500 and larger. Hence. this position is
appropriate for discerning turbulence production for all en-
countered velocities.) The root-mean-square velocity fluctua-
tion increases after intake valve opening as free-stream
turbulence is convected into the test section. It further increas-
es later during the induction flow. The most likely cause of this
is the onset of turbulence production near the wall, which for
pulsating flow conditions occurs late in the acceleration phase
of the flow, Akhavan et al. (1991). With the deceleration of the
flow, turbulence persists and decays slowly during the remain-
der of the cycle approximately following the solution of Malan
and Johnston (1993), again see Fig. 5.

Figs. 6-8 show the experimental pressure, temperature, and
heat flux traces (an adiabatic gas temperature is also plotted in
Fig. 8 for comparison, based on the measured mean gas tem-
perature and the experimental pressure data). During the
closed portion of the cycle from 240° to 720° CA, pressure
and temperature fluctuations are apparent with a frequency

80 ™ T T T v .
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. -
------- u' decay M&J

(4]
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U, u'x25 [m/s]
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(=]

30 1
20 1
10 H .
"\ -
. ANOR ARG o
0 360 540 720
CA

Fig. 5. Velocity measurement on centerline of straight pipe, turbulence
intensity measurement 2 mm from the wall, 2750 rpm/1 bar MAP.

of approximately 200 Hz. As discussed in Section 1, these fluc-
tuations induce significant heat flux fluctuations, because tem-
perature changes also occur within the thermal boundary

g [W/em2]

1.2 T T T Y T T
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1.1
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0.85
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Fig. 7. Measured centerline gas temperature and calculated adiabatic
gas temperature based on the measured mean temperature and the
pressure fluctuation.
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Fig. 8. Heat flux measurements 5 cm upstream of the exit of the
straight manifold (positive sign into the wall), 2750 rpm/1 bar MAP.
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layers. Fig. 9 compares a heat flux prediction based on the so-
lution of Pfriem (1943) for periodic pressure fluctuations to the
time-varying component of the measured signal ¢” (signal mi-
nus time-mean of signal). It is apparent that many features of
the measured signal are attributable to the pressure fluctua-
tions.

The pressure-induced part of the signal can be subtracted
from the total measured signal, and the difference should then
constitute the convective and conductive heat transfer. Fig. 10
compares that difference to the turbulent steady flow correla-
tion Eq. (8), and the numerical results of Malan and Johnston
(1993). The latter are for heat transfer in a transiently growing
shear free boundary layer. Their Re, = 380 case is chosen for
the comparison, to match the present estimated turbulent Rey-
nolds number based on the measured turbulent intensity and a
length-scale of one-tenth of the hydraulic diameter. The heat
flux increase is somewhat delayed compared to the onset of
forward flow. It eventually reaches values comparable to the
steady situation. During flow deceleration, the heat fluxes
again depart from quasisteady behavior in that they relax more
slowly. There, they resemble the solution of Malan and

— T —r — — T T T

03} 4
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— - — ginduced bpr

0.2

q [Wicm2]

-0.3¢+ g
0 180 360 540 720
CA

Fig. 9. Comparison of heat flux prediction using the solution of Pfriem
(1943) for periodic pressure fluctuations to the time-varying compo-
nent of the measured signal, 2750 rpm/1 bar MAP.

—— measured (w/out p fluct.)
— - — malan & johnston

-0.5+ l ----- quasi-steady T
I
osf |
0.7 - . ) ‘ . " . ]
0 180 360 540 720
CA

Fig. 10. Measured heat flux after subtraction of pressure wave-induced
component in comparison to steady-state correlation (~0°-180°CA),
and the solution of Malan and Johnston’s (1993) (~180°-720°CA),
2750 rpm/1 bar MAP.

Johnston (1993). The stagnant phase obviously contributes
strongly to the total heat transfer, explaining why heat transfer
is elevated for pulsating flow above the steady-state values. In-
tegrating the ratio of the transient heat flux over the difference
of the wall to the transient gas temperature yields the time-av-
eraged heat transfer coefficient. This mean heat transfer coefli-
cient is 61 +23W/m*-K, which compares quite well to the
corresponding time-averaged value obtained in the experiment
described previously, 89 + 25W/m’-K.

6. Summary and conclusions

Experiments were conducted to determine heat transfer
rates in the intake pipe (manifold runner) of internal combus-
tion engines. It is expected that the results also apply to the
corresponding components of compressors and other devices
where pulsating flows with stagnant phases occur. Two ducts,
one straight and one highly curved, were employed, which to-
gether bracket most realistic geometries. Heat transfer results
for the straight pipe and steady flow compared well to previous
findings. Heat transfer in the highly curved duct was compara-
ble to that in the straight one, suggesting that entrance effects
dominated over secondary flow phenomena. Heat transfer un-
der real (pulsating) flow conditions was found to double as
compared to the steady flow case, which was further investi-
gated by time-resolved measurements. Time-averaged, axially
resolved and axially averaged Nusselt numbers were correlated
with Reynolds number. The pulsating flow data were not cor-
related with an additional frequency variable, because engine
rpm and mean flow rate were approximately coupled. Similar-
ly, the amplitude ratio or waveform of the pulsating flow was
given through the employed engine and not altered during the
experiments.

Time-resolved measurements showed that wave dynamics
induced significant heat fluxes. These were closely comparable
to predictions employing the solution of Pfriem (1943) for heat
fluxes induced by periodic pressure variations. As their net
contribution canceled over one cycle, they were subtracted
from the original heat flux signal. The time-resolved measure-
ments then showed that heat transfer rates were on the order of
quasisteady values during the main flow phase. The stagnant
phase (three-quarters of the cycle) contributed just as much
to the total heat transfer as the main induction flow. This
was attributed to the slow decay of the turbulence generated
during the induction flow. Heat transfer rates in the stagnant
phase were similar to the prediction of Malan and Johnston
(1993) for a shear-free turbulent boundary layer. For applica-
tions that require temporal resolution, it is clearly inappropri-
ate to assume quasisteady heat transfer behavior.
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